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1. Executive Summary and Report Scope
The main goal of SMART project is to increase the effectiveness and capacity of rail freight
through the contribution to automation of railway cargo haul at European railways. Two SMART
working streams are:
•
•

Development of a prototype of an autonomous obstacle detection system (ODS),
Development of a real-time marshalling yard management system.

The SMART solution for on-board obstacle detection (OD) will provide prototype hardware and
software algorithms for obstacle detection on the rail tracks ahead of the locomotive. The system
will combine different vision technologies: thermal camera, night vision sensor (camera
augmented with image intensifier), multi stereo-vision system and laser scanner in order to
create a sensor fusion system for mid (up to 200 m) and long range (up to 1000 m) obstacle
detection during day and night operation, as well as during operation in poor visibility condition.
By this planned fusion of sensors, the system will be capable, beside reliable detection of
obstacles up to 1000 m, to provide shorter range (< 200 m) wagon recognition for shunting
operations.
The SMART real-time marshalling yard management system will provide optimisation of available
resources and planning of marshalling operations in order to decrease overall transport time and
costs associated with cargo handling. The yard management system will provide real time data
about resources available over open and TAF/TSI standard data formats for connection to
external network systems and shared usage of marshalling yards between different service
providers.
This deliverable D2.2 “Design of the passive vibration isolation system” reports on hardware
solution to be integrated into prototype of the obstacle detection system (ODS) so to lower the
level of vibration transmitting from the locomotive to the ODS to the acceptable level.
Deliverable has three chapters in which, at first (in the introduction), the necessity to lower the
vibrations is discussed as well as the requirements for the ODS mounting construction defined in
SMART D1.1. The second section of this deliverable presents the design and selection of the
passive vibration isolator based on performed analysis and ODS specifications/requirements. In
the last section, the analysis of stochastic vibrations of mounted ODS with selected passive
vibration suppression element is given.
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2. Introduction
As already noted in deliverable D1.1, the images captured by vision sensors mounted on the
locomotives (or vehicles in general) are often distorted due to vehicle vibration. The image
distortion is governed by the vehicle vibration frequency and the higher vehicle vibration
frequency will lead to the more distorted images.
In order to prevent deterioration of the quality of images acquired by vision sensors due to
vibrations, even in the stage of SMART project proposal, a passive vibration suppression system
was envisioned to be integrated into the ODS. The passive vibration system has the function of
isolating the ODS from the locomotive vibrations. Although vibrations cannot be fully supressed,
such approach is necessary as it enables the amplitude and frequency of vibrations to be
significantly reduced, thus enabling further optical or digital stabilisation (SMART D1.1, 2017).
The analysis performed in deliverable D1.1 showed that the vibrations of the locomotive car body
are in the range between 1 and 40 Hz with amplitude values of up to 3.5 m/s2. For such vibration
excitation an ODS requirement P1 was defined as given in Table 1.
Table 1. Functional requirements for the ODS mounting construction (SMART D1.1, 2017)

Requirement No.

P1

Name:

Support and vibration isolation of the ODS sensors housing

Description:

The mounting construction should provide support of the ODS
demonstrator housing.
The mounting construction should isolate the ODS demonstrator
body from vibrations transmitted from the vehicle.
The vibration isolation should be realised by passive isolator for the
minimal disturbing frequency of 1 Hz.
For successful vision-based recognition of obstacles, the acquired
images must be free from distortions induced by vibrations. As low
frequency vibration (bellow 1 Hz) are easily stabilised by digital
image stabilisation, the upper frequencies which cause significant
image distortion should be isolated.
Mandatory

Reason /
Comments:

Indicative priority:

Starting from the previous experience and analysis of the state of the art in vision sensors
vibration suppression, it was decided to use rubber-metal isolators as they have well
documented advantages (SMART D1.1, 2017). Such decision has a consequence that the
vibrations below 10 Hz are very hard to be isolated by a mechanical passive isolator and must be
treated by a digital image stabilisation. Attaining a low isolator frequency requires a combination
of soft springs and heavy suspended mass within practical isolation range. In principle,
mechanical suppression of low frequency vibrations is possible only with a negative damping
system which is not practical for the mounting on the vehicle during the exploitation due its
required dimensions and high price. The goal of SMART adopted approach is to have a low cost
and reliable vibration suppression system with proven exploitation behaviour.
To verify the designed vibration suppression system a field tests will be performed during the
project validation phase (WP7). If the vibrations cannot be successfully supressed, as already
defined in the project proposal, other means of vibration suppression will be employed. For
example, it is possible to add hydraulic or friction based dampers to increase the damping value
and thus to decrease the vibrations amplification, or it is possible to design a two stage vibration
5
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suppression system. Ultimately, if no other solution proves satisfactory it is possible to design
and apply an active vibration suppression system.
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3. Design of the passive vibration isolation system
In engineering practice the complex system of elastic body oscillations is most often simplified to
oscillation of one-degree rigid body system. As defined in SMART D1.1, transmissibility is defined
as a function of the adjustment factor representing ratio r between the excitation frequency and
the natural frequency and damping factor (ζ) in the model of viscous damping:
1 + 4ζ 2 r 2

T=

(1 − r )
2

2

+ 4ζ 2 r 2

(1)

As the damping ratio of rubber-metal springs is relatively low (ζ < 0,1) it can be neglected
(assumed to be 0) so that the above expression can be simplified to:
T=

1
1− r2

(2)

..
Therefore, the calculation and selection of the isolator comes down to selection of desired
transmissibility and damping or just of transmissibility if damping is neglected. Based on equation
(1) (or (2) when damping neglected) it is possible to calculate the adjustment factor and from the
condition that r > 2 it is possible to determine system natural frequency.
The natural frequency of the system, as defined in SMART deliverable D1.1, can be calculated as:
1 kdyn
(3)
m
2π
As dynamic stiffness kdyn ≈1,1…1,4· k (Banic, 2015) and well known relation about spring stiffness:
fn =

m⋅ g
(4)
s
from equation (3) it is possible to calculate the required static spring deflection (s) for a
determined system natural frequency as (Banic, 2015):
k=

(1.11.4 ) ⋅ 0.248

(5)
f n2
The described procedure assumes that the ratio between the dynamic and static stiffness is
known from experimental data or from literature. As noted ratio is not usually known, the
passive vibration isolation is usually performed using the solutions available on the market.
If one observe the Table 5 given in SMART deliverable D1.1, which shows the common shapes of
rubber-metal springs for sensitive equipment and instruments, it is clear that for mentioned
equipment classes it is preferable to use M or Instrumounting shapes from the Trelleborg
catalogue. As low frequency vibrations should be isolated, the selection was made to use the M
shaped mount. The selected mount shape has a large deflection so it is suited to low frequency
vibrations suppression. Furthermore it isolates vibration in all three directions – vertical,
longitudinal and lateral. The similar shapes with different trade names is found for low frequency
vibration isolation at varius manufacturers such as: AMC Mecanocaucho (type DRD,
https://www.mecanocaucho.com/en-GB/products/anti-vibration-mounting/drd-anti-vibrationmount/), АV Products Inc. (type VM, https://www.avproductsinc.com/stationary-machine/vmmounts.html), Vibrostop (type MMC, http://vibrostop.it/products-it/rubber-mounts-it/99vibrostop-mmc-it). The selected mount shape is also suitable for shock attenuation due to the
designed ability to offer large deflections. The technical specification and available sizes of the
selected mount type M are given in Figure 1.
s=
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Figure 1 Technical specifications of the Trelleborg M mount (Trelleborg IAVS, 2017)
The rubber-metal manufacturers issued diagrams (Figure 4) or computer applications for the
selection of the appropriate mount size. The selection procedure requires the knowledge of the
mount load i.e the total weight of the system and the number of mounts in order to determine
load per one mount. In such selection procedure it is assumed that the load is evenly distributed
across the mounts, so the mount positioning must be realized according to the noted
assumption.

Figure 2 Components of the ODS (component names and numbering are given in Table 2)
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Based on the previous analysis, in order to select the appropriate support it is necessary to
determine the mass of the ODS. Based on the CAD model of the sensors housing (Figure 2)
defined in SMART deliverable D2.1 and based on the specification of sensors and equipment
necessary for functioning of the ODS, the mass of ODS was determined as given in Table 2. The
number of mounts is preliminary selected as 4 as given in Figure 3.
Table 2. Specification of masses of ODS components
Number of Individual
components mass, kg

Nº

Component name

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

Left assembly metal parts
Left assembly glass
Central assembly metal parts
Central assembly glass
Right assembly metal parts
Right assembly glass
Night vision housing metal parts
Night vision housing glass
Aluminum profile
Profile connector
Camera with mounting adapters
Thermal camera with mounting adapters
Night vision camera with mounting adapters
Lidar with mounting adapters
Switch
PC
Power supply, battery and cables

1
1
1
1
1
1
1
1
3
2
3
1
1
1
1
1
1

Total mass, kg

25.04
1.20
20.92
0.15
25.04
1.59
4.55
0.10
1.25
0.25
1.54
2.85
3.25
1.80
3.50
1.80
3.00
∑

23.70
1.20
20.42
0.15
24.60
1.59
3.45
0.10
4.00
0.50
4.62
2.65
3.05
1.80
3.50
1.80
3.0
100.13

Figure 3 Preliminary positioning of the ODS mounts onto the housing
According to the mass of the ODS and the selected number of mounts, it is calculated that the
load per one mount is approximately 25 kg. The selection procedure is described a text on lower
right side on the Figure 4.From Figure 4 there are two possible solutions: the mount M50-40 and
M25-60 with natural frequencies of approximately 10 and 14 Hz respectfully. However, from the
diagram “Degree of isolation” in Figure 4 it is evident that such solutions are unsatisfactory as the
mounts are only able to isolate frequencies above 15 (M50-40) and 25 Hz (M25-60).
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Figure 4 Selection of the ODS mounts (4 mounts, no ballast)
It is then necessary to increase the load per mount according to the Figure 3 in order to decrease
the mount natural frequency. The solution can be obtained in two ways – increase the ODS mass
10
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and/or decrease the number of supports. As the lowest number of supports is 3 in order to keep
the stability of the system, it was decided to increase the system mass to 210 kg in order to have
70 kg of load per mount. The mass of the ODS is increased by adding elements made from steel
which act as a ballast into the housing. The increased mass due to introduced ballast have
another positive effect as the system inertia is increased and larger energy of vibrations in
necessary to actually move it (Abolmaali, 2007). From Figure 5 it is clear that the minimal
isolation frequency for a mount M100-40 is now 8 Hz and the non-amplification region is below 4
Hz which is a good compromise as the amplification region is relatively narrow (4-8 Hz). Further
increase of ballast would not be feasible due to economic reasons and ODS housing dimensional
constraints.

Figure 5 Selection of the ODS mounts (3 mounts, with ballast)
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With the defined configuration of the mount it will operate in the non-isolation region for
frequencies between 4 and 8 Hz. The vibrations in the non-isolation region will be amplified up to
5 times for a disturbing frequency of 6 Hz as the damping ration of the spring is approximately
0.1. This compromise is acceptable when other means are available to cope with low-frequency
vibrations (e.g., digital stabilization). The isolation efficiency of 10 Hz vibrations will be 67 % and
for 20 Hz will be 93 % which is acceptable as the isolation is performed where it matter most – at
higher frequencies. For instance for a 50 Hz vibrations the isolation will be 99%.
The ballast sizes will be adjusted individually per mount in order to provide uniform loading per
mounting.
As the ODS will be mounted onto the Serbia KARGO Series 444 locomotive it is necessary to
analyze how the designed vibration suppression system will behave for the vehicle resonant
frequencies. The power spectrum of the vertical locomotive carbody accelerations was reported
for observed section of the track in SMART deliverable D1.1 and it is given in Figure 6. It is evident
that for the amplification region (4 - 8 Hz) there is one of the smaller resonant frequencies but it
is not one of the vehicle primary frequencies. It would be very problematic only if ODS housing
natural frequencies are in the noted range, as the ODS housing would be exited form locomotive
vibrations in noted frequency range and resonance would occur.

Power , (m/s2)2pk
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Spectra of measured vertical locomotive carbody accelerations, v =
75 km/h
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Figure 6 Power spectrum of the vertical locomotive carbody accelerations for the observed
section of the track (SMART D1.1, 2017)

Figure 7 The ODS housing primary natural frequencies determined by modal analysis in the
loaded state
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The natural frequencies were determined for the ODS housing by modal analysis in ANSYS
Workbench software (ANSYS, 2017). The modal analysis was performed for a range between 0
and 100 Hz, for a housing subjected to its operational load (static structural pre-stress analysis).
The housing load included the weight of all the ODS components, as well as the weight of the
added ballast, so that the total mass was equal to 210 kg which gave 70 kg per mount. The
housing was supported by three mounts – one in the frontal side (at the middle of the housing)
and two supports on the back of the housing close to the housing sides. The results of the
analysis are shown on Figure 7. The primary natural frequency is close to 39 Hz which is well
above the amplification range. For the ODS housing primary natural frequency the isolation
efficiency of the designed vibration suppression system is 98.35 %, which is more than
satisfactory. The deformation for the first mode is shown on Figure 8.

Figure 8 First oscillation mode of the ODS housing determined by modal analysis in the loaded
state
Based on performed analysis it is expected that the designed vibration system will lower the
vibrations transmitting from the locomotive to acceptable range. As already noted, the
performance of the vibration suppression system will be evaluated in WP 7 and depending on the
evaluation feedback it will be additionally tuned if necessary.
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4. Stochastic vibrations analysis of mounted camera
The following section has the goal to provide theoretical analysis of the vibration suppression of a
viscoelastic M mount. The new model was developed by SMART team members to capture the
mechanical behaviour of the selected M mount, based on Timoshenko and Pasterrnak (Coscun,
2003) theory. Generalized Pasternak viscoelastic model is one of the foundation models
frequently used in an effort to better capture the characteristics of an elastic continuum. This
foundation model can be successfully used to simulate a behavior of the ODS mount. In this
model, one set of parallel springs and dashpots restricts any vertical displacement and another
set prevents the system from rocking motion. Shear viscous layer between the beam and the
foundation provides the interaction between these viscoelastic elements.
According to the geometry of the bottom side of the selected mount “A” (Figure 9a), a
Timoshenko beam on a viscoelastic Pasternak foundation is developed by SMART team members
for stochastic behavior analysis of viscoelastic cylindrical shells (Figure 9b) which correspond to
selected M mount for SMART ODS mounting.
A

A

Figure 9 Geometry of M mount selected for SMART ODS mounting and bottom side of observed
cylinder on viscoelastic Pasternak layer
This study begins with a brief representation of the basic equations governing the shell behavior.
This is followed by a standard problem in order to envisage the notion of both the shell and
Timoshenko beam on Pasternak foundation models (TP). Next, the mathematical formulation of
the TP model is presented and a direct analogy between the shell behavior and the behavior of a
TP is established.

4.1 Dynamic equations of thin cylindrical shells
According to the geometry presented in Figure 9, the bottom part of the element which transfers
vibrations to the mount area is initially modelled as a thin walled cylindrical shell (Figure 10),
which is detailed studied in the work of (El-Mously, 2002).
This Figure 10 shows thin walled circular shell of length L, mean radius a and uniform wall
thickness t defined by a orthogonal curvilinear coordinate system (x, θ, z), where x is an axial
length coordinate, θ is an angular coordinate and z is radial coordinate. The shell is subjected to
random forces that vary periodically in the circumferential direction
=
qx ( x, θ ; n) q=
qθ ( x, θ ; n) q=
qz ( x, θ ; n) qz ( x) cos nθ ,
θ ( x ) sin nθ ,
x ( x ) cos nθ ,

14
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where n is the circumferential mode number and qx, qθ and qz are dynamical loads acting on the
shell middle surface in the x, θ and z direction. The harmonic variables of the problem can be
expressed as

Figure 10 Cylindrical shell and small elements of shell showing stretching and necessary stress
resultants in their positive sense where double-headed vector notation is used to denote
directions of the bending stress resultants
{un ; wn ; ε xn ; εθn ; k xn ; kθn ; N xn ; Nθn ; M xn ; M θn } = {u; w; ε x ; εθ ; k x ; kθ ; N x ; Nθ ; M x ; M θ }cos nθ
{vn ; γ Xθn ;τ Xθn ; N xn ; N Xθn ; M xθn } = {v; γ Xθ ;τ Xθ ; N x ; N Xθ ; M xθ }sin nθ ,

(6)

where u, v and w are the middle surface components of displacement in the x, θ and z directions,
εx and εθ are the direct strain components in the x and θ directions, γxθ is the ‘‘engineering’’ inplane shear strain, kx and kθ are the changes of curvature in the x and θ directions, τxθ is the twist,
Nx and Nθ are the stress resultants per unit length in the x and θ directions, Nxθ is the in-plane
shearing-stress resultant per unit length, Mx and Mθ are the stress couples per unit length in the x
and θ directions and Mxθ is the twisting-stress couple per unit length. The Lagrangian of vibrating
shell can be written as
L=

∫ 2 [ε
C

2
x

+ 2νε xεθ + εθ2 + (1 − ν )γ x2θ / 2] +

L

−

ρt
2

∫ (u
L

2

∫

D 2
[k x + 2νk x kθ + kθ2 + (1 − ν )τ x2θ / 2]πa dx
2

+ v 2 + w 2 )πa dx + (q xu + qθ v + q z w)πa dx,
L

(7)

where C=Et(1-ν2) is the shell stretching rigidity, D=Et3/12(1-ν2) is the shell bending rigidity, E is
elasticity modulus of the material, ν is Poisson`s ratio, ρ is mass density of the material and a dot
above the variables denotes differentiation with respect to time.
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The integrals on the previous equation correspond to the total elastic strain energy stored in the
shell during deformation U, the total kinetic energy acquired by the shell T. The kinematics and
constitutive relationships of the shell are given by

ε x = u ' , εθ =

n 2 w nv
nw' nv'
nu
nv w
+ , γ xθ = v'− , k x = − w' ' , kθ = 2 + 2 , τ xθ =
+
,
a
a
a
a a
a
a

ε x = ( N x − νNθ ) / Et , εθ = ( Nθ − νN x ) / Et , γ xθ = N xθ / Gt ,
k x = 12( M x − νM θ ) / Et 3 , kθ = 12( M θ − νM x ) / Et 3, τ xθ = 6 M xθ / Gt 3 ,

(8)

where
G = E / 2(1 + ν ),

(9)

presents the modulus of rigidity of the material.
The total strain energy U, stored in the panel during deformation is given by
U=

Et lbw02
Dπ 4 lbw02
2
4 −1
[
1
+
2
(
l
/
b
)
+
(
l
/
b
)
]
+
[1 + 2(l / b) 2 + (l / b) 4 ],
2
4
8
a 8
l

(10)

where a is panel radius, l is axial length and b = πa presents circumferential length.
Finally, for very large values of parameter b, the previous expression can be applied for thick
walled shells which model the shell structure of the selected mount presented in Figure 9.
The proposed TP model extends the limits of the validity of the shell model by accounting for the
contributions of γxθ and τxθ in addition to εx and kθ of the shell model.

4.2. Timoshenko beam on Pasternak foundation model for SMART ODS mounting
Now, direct analogy between the shell behavior and the behavior of a TP is established.
According to the kinematics and constitutive relationships of the shell (10), by using the
expressions for εx and εθ we can recalculate
N x − νNθ = ε x Et , εθ = ( Nθ − νN x ) / Et ,

(11)

where after resolving we can write
Nx =
Nθ =

Et
Et  ∂u
nv + w 
(ε x + νε θ ) =
+ν
,
2
2
a 
1 −ν
1 − ν  ∂x

∂u 
Et
Et  nv + w
(εθ + νε x ) =
+ν
.

∂x 
1 −ν 2
1 −ν 2  a

(12)

It is convenient to decompose the normal component w of displacement into two parts: one, wb
due to εx and kθ, and the other, ws due to γxθ and τxθ; as follows
w = wb + ws ,

(13)

and the components in the previous equation are
wb' = ψ , ws' = ϕ ,

∂w
=ψ + ϕ,
∂x

(14)

where ψ is the angle of rotation of cross-section due to bending and φ presents the angle of
rotation of cross-section due to shear of TP.
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Beams on Pasternak foundation are widely studied by many researchers (Kargarnovin, 2004;
Coskun, 2003; Nobili, 2012). Figure 11 shows a uniform beam of length L resting on Pasternak
foundation, subjected to transverse loading per unit length q, and the axial compressive load F.
On beam axes is placed X-axis, and transversal loadings are parallel with Z-axis. A typical beam
element is also shown in the figure (without the forces due to viscous damping).

Figure 11 Timoshenko beam resting on Pasterrnak foundation and typical beam element
The dynamic equilibrium of the element gives
ρA
ρI

∂ 2W
∂T

∂ 2ψ
∂T

2

2

+ βw

+ βψ

∂W ∂V
=
+ q,
∂T ∂X

∂ψ
∂M
∂W
=V −
+H
− cψψ ,
∂T
∂X
∂X

(15)

where ρ is mass density, A is cross-sectional area, W=W(X, T) is transverse displacement, t is time,
βw and βψ are viscous damping coefficients, βψ is rocking stiffness, V is shear force due bending, I
is the second moment of area of the cross-section for in-plane bending and M is bending
moment.
For Pasternak viscoelastic foundation is
q = −c wW + µ

∂ 3W
,
∂t∂X 2

(16)

where cw, μ are foundation normal stiffness and damping coefficients.
According to the Timoshenko beam theory is
ε XX = − Z

∂ψ
,
∂X

∂W
=ψ + ϕ,
∂X

(17)

where εxx is normal strain. The shear force Q and bending moment M are defined as
Q =V + H

∂ψ
∂W

 ∂W
,
− ψ , M = − EI
= kGAϕ = kGA
∂X
∂X

 ∂X

(18)

where k is shear correction factor. Eliminating V and M from equations (16) and (18) ones obtain
two partial differential equations for transverse displacement W and angle ψ
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ρA

∂ 2W
∂t

2

ρI

+ βw
∂ 2ψ
∂t 2

 ∂ 2W ∂ψ
∂W
−
− kGA
 ∂X 2 ∂X
∂t

+ βψ

2
3

 + F (T ) ∂ W + c wW − µ ∂ W = 0,
2

∂t∂X 2
∂X


∂ψ
∂ 2ψ
 ∂W

− kGA
− ψ  + cψψ − EI
= 0.
∂t
∂X 2
 ∂X


(19)

where F(T) is time-dependent stationary stochastic process.
Due to the simply supported edges, boundary conditions have the form
X = 0
 W = 0,
X = L

∂ 2W
∂X 2

= 0.

(20)

The following parameters can be used to non-dimensionalize equations (10)
t = kt t , Wi = Lwi ,
2β =

β w kt
,
ρA

X = Lx, kt = L2

f o + f (t ) =

ρA
EI

,

c L4
F (t )
, cw = w , 2 µ =
2
EI
ρAL

µ

(21)

ρAEI

where β is reduced damping coefficient, cw and μ are stiffness and shear viscosity coefficient of
the elastic medium, fo and f(t) are reduced constant and stochastic component of axial force.
Having in the mind that is influence of inertia of rotation cross-section is negligible comparing to
transverse shear and omitting rotating damping coefficient and rocking stiffness (cψ= βψ=0), Eqs.
(21) have the form
 ∂ 2 w ∂ψ
∂ 2w
∂ 2w
∂ 3w
∂w

(
)
)
2
(
2
−
−
+
+
+
−
+
c
w
f
f
t
k
β
µ
w
o
 ∂x 2
∂x
∂t
∂x 2
∂t∂x 2
∂t 2


 ∂w
 ∂ψ
− ψ  + 2 = 0,
k
 ∂x
 ∂x


 = 0,



(22)

2

(23)

By eliminating angle ψ from relations (22) and (23) we obtain
 1 ∂ 2  ∂ 2 w
∂ 3w
∂2w  ∂4w
∂w
1 −

(
)
c
w
f
f
t
2
2
(
)
= 0.
β
µ
+
+
+
−
+
+
w
o
 k ∂x 2   ∂t 2
∂t
∂t∂x 2
∂x 2  ∂x 4



(24)

Previous expression presents the final form of equation of motion of Timoshenko beam on
Pasternak foundation model where contributions from shell model are accounted. Now in order
to simulate stochastic vibrations for different model parameters previous equation is firstly
discreetizated.
According to the boundary conditions (20), the first mode of the transverse motion of the beam
can be described by:
w( x, t ) = T (t ) sin πx,

(25)

where by substituting expression (25) in (24) the following discreetizated form of Eq. (14) is
obtained


kπ 4
2
(
)
T + 2ε β + µπ 2 T + cw +
π
f
t
−
T = 0,
k +π2



(

)

4.3 Numerical results
According Eq. (26) the appropriate simulation scheme is given in Figure 12.
18
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Figure 12 Block-chart of system presented by equation (26)
As a input parameter in this simulation, stochastic function f(t) is simulated according to a
wideband bound noise process given by the following expression
Y (t ) = cos [ν t + σ W (t ) + θ ].

(27)

where θ is the uniformly distributed random number on interval (0,2π) and W(t) denotes the
standard Wiener process which is the basic of the modern theory of random processes. This
process can be also described by the following equations
Y (t ) = cos Z (t ),

dZ (t ) = ν dt + σ dW (t ),

(28)

where ν and σ are constants. For numerical simulation of bound noise process, which is the input
signal in simulation schematically given in Figure 8, the program code for real-noise process
simulation given in work of (Williams, 2010) was adapted for this process using the expression
(28). In this simulation, Runge–Kutta numerical solving method for solving stochastic differential
equation was used.
All simulations are performed for nondimensional parameters β, cw, μ, k and f(t), proportional to
the field test data given in Table 6 and experimental measurements in work of (Pavlović et al.
2013).
Now, using the measured values after real time numerical simulation and according to the
previous model for bound noise process, the stochastic force acting on the analyzed part in the X,
Y and Z axis is given in Figure 13. In this simulation lateral forces acting in X and Z way are taken
to be equal.
Lateral vibrations of the analyzed model are given in Figure 14 where the influence of the
viscoelastic layer is presented. This Figure shows vibration in the X and Z direction for large and
small values of the viscoelastic layer parameters. According to the results from Figure 14 larger
parameters of the viscoelastic layer (black line) present a great advantage in using this type of
layer for the purpose of reducing the vibrations, which is compared with the results for very small
values of the viscoelastic layer which leads to system instability.
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Figure 13 Simulated acting forces a) acting in Y direction and b) acting in X and Z direction

Figure 14 Lateral vibrations in X and Z directions for different foundation damping coefficients
under bound noise process
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Finally, system vibrations are presented in the Y axis (Figure 15). Similarly, for this purpose, the
model presented in Figure 8 is simulated for the measured force and using the appropriate model
parameters proportionally calculated according to the dimensions of the selected mount.

Figure 15 System vibrations in Y direction under the bound noise process
At the end of this study, the velocity behavior of the analyzed system is given in the Y direction in
Figure 16. Stabilization of this parameter together with the displacement results given in Figures
14 and 15 is essential to the system stability analysis, which gives a complete picture of the
system behavior.

Figure 16 System velocity behavior
This theoretical study gives important insight into dynamic behavior of the analyzed M mount
selected for vibration suppression of the ODS. Since the system vibrations have essential role in
its stability, the numerical results obtained in this section gives new information about stochastic
stability of presented model of M mount. Using the Timoshenko beam theory, the differential
equations of motion for the selected M mount are derived according to its geometry and
21
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constitution. The results obtained from numerical simulation allows us to predict the model
response for any type of stochastic force acting on vibration suppression by selected M mount.
Stochastic vibrations presented in Figure 13 justifies the application of using the viscoelastic layer
for system stabilization. Stochastic response comparison in Figure 13 shows a great influence of
selected mount in system stabilization. Finally, to have a complete overview in system behavior,
velocity response for this model is given in Figure 16. Presented stabilization of this parameter
and system response stabilization, given in Figures 14 and 15, show that the selected mount
assures significant system stabilization for measured stochastic disturbances.
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